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ABSTRACT: Therole of gasturbine power plantsin electrica energy production has been considerably increased
in the last two to three decades. Various methods have been proposed to improve the performance of gas turbine
cycles. In this research, two methods, a reheat cycle (RC) and a cycle with a reheat and a recuperator (RHC), were
investigated and compared with a simple cycle (SC). The main objective of this paper is to study the performance of
an RC and RHC under actual conditions. In this regard, all processes are treated as actual, and in particular arelatively
simple and reliable approach is used to predict the amount of cooling air. The results obtained on the basis of a model
developed for this research show that reheating in the context of arealistic study may lead to an improvement both in
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efficiency and in specific net work using recuperator cause to decrease NOx emission.
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INTRODUCTION
Thegasturbinecycleisavery flexible cycle so that
itsperformance parameters, i.e. efficiency and specific
net work, can beimproved by adding extracomponents
to asimple cycle. In recent years, much research has
been carried out on advanced gas turbine cycles such
asthesteam injected gasturbine cycle (De Paepe, 2000),
thehumid air turbine (Stecco, 1993), the heat exchanger
cycle (Facchini, 1993), etc. Generally, the main aim of
these investigations has been to achieve a higher
efficiency in gas turbine based cycles. A reheat
combustion chamber isacomponent that can beadded
to a gas turbine cycle to improve its performance
(Cohen, Rogers, 1993). In thismethod the expansion
process in the turbine is divided into two processes
and an additional combustion chamber is placed
between the high-pressure and low pressureturbines.
The exhaust gasfrom the high-pressure turbine (HPT),
which contains sufficient oxygen, enters a reheat
combustion chamber, and thetemperature of the gases
can be increased as a result of supplementary
combustion. Previous research on the ideal reheat
cycle (RC) showsthat reheating increases specific net
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work but decreases efficiency compared with asimple
cycle (SC). Also, these investigations show that the
maximum specific net work in an RC isobtained if the
pressureratios for the high- and low-pressure turbines
are assumed to be equal. Crane has shown that,
although equal pressure ratios lead to a maximum
specific net work, under this condition the efficiency
is not maximum and the lower pressure ratio for the
HPT increases the several investigations concerning
reheating in gas turbines were carried out with some
simplificationsincluding: aconstant specific heat, heat
addition to the working fluid instead of to the
combustion process and, more importantly,
consideration of an uncooled turbine model (Crane,
1998) instead of a cooled turbine model. These
assumptions, in particular the last one, lead to
unrealistic results because amost all turbines today
areusually cooled by air, and neglecting the amount of
cooling air givesincorrect results. da Cunha Alves et
al.investigated reheat and intercooling gas turbine
cycles using a model that includes cooling air
estimation. They concluded that an RC does not show
aconsiderableefficiency changefroman SC. Itisworth
noting that, in a cooled turbine model for an RC, the
cooling air for thelow-pressureturbine (LPT) doesnot
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actually need to have the pressure of the compressor
outlet. It can be extracted from the intermediate stages
of the compressor wherethepressureis dightly higher
than the LPT inlet pressure. If thisway of cooling air
extraction for the LPT is assumed, performance
parametersof both theRC and the RHC can beimproved
for the following reasons:

1. The compressor input work can be reduced.

2. Thecooling air temperaturefor theLPT ismadelower.
Asareault, theamount of cooling air for the LPT can

be reduced.

In the present work an attempt ismadeto model an
SC, RC and RHC considering all factorsthat actually
affect the performance of real cycles. In this regard,
specific heat was assumed to be a function of both
temperatureand combustion product composition, and
thecooling air fraction wascalculated usng ardativey
simple approach (Kreith, 1973). One of the
distinguishing features of this investigation is that
cooling air needed by the LPT has been extracted from
intermediate stages of the compressor where the
pressureisdightly higher than the LPT inlet pressure.
Intheinterim, inthispaper, in addition toan actual RC,

1 COMP1

an actual RHC was also analyzed and compared with
theRC aswell aswith an SC.

MATERIALSAND METHODS
Thermodynamic analyses
General description

Fig. Lillustratesthe SC. In thiscycle, cooling air is
totally extracted from the compressor outlet. Fig. 2
presents the RC arrangement. After leaving the first
combustion chamber, the hot gasentersthe HPT where
it expands partially. The gas, which contains sufficient
unused oxygen, then enters the reheat combustion
chamber wherefud isinjected and supplementary firing
occurs. Thehot gas, now having a higher temperature
(equal tothefirst turbineinlet temperature), entersthe
second, or low pressure, turbine where it expands to
atmospheric pressure. In thiscycle, cooling air for the
HPT and LPT is extracted respectively from the
compressor outlet and the compressor intermediate
stage. Fig. 3 showsthe RHC inwhich aheat exchanger
isused toincreasetheair temperature beforeit enters
thefirst combustion chamber by recovering heat from
the LPT exhaust gases. The cooling air extraction
pointsfor thiscycle aresimilar to those of the RC.

Air Rotor air cooling

Nozzle air cooling

4
Fg. 1: Flow diagram of the $C ]

HPT Rotor air cooling
>

Air HPT Nozzle air cooling >

LPT Rotor air cooling

TURB2

—p

Exit

LPT Nozzle air cooling
Fg. 2: Flow diagram of the reheat gas turbine cycle
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Fg. 3: Flow diagram of RHC

Compressor analysis

Using first law of thermodynamicand knowing exit
temperature of compressor and the location of
extraction for blade cooling, we can determine
consumed work and isentropic efficiency. Here
polytropic efficiency has been used to calcul ate exit
condition. For onekilogram of inlet air to compressor,
entropy change can bewritten as (El-Masri, 1986).

_dT _dP @
ds=Cpy ——-R—
MT P
Using the concept of polytropic efficiency, final
exit temperature can be determined as:

- = @
T n. P
By integrating thisequation, exit condition can be
known, but compressor work consumption can not
be determined till blade cooling air and itslocationis
determined.

aT _ R dP

CPM

Combustion chamber analysis

Thefollowing chemical reaction can bewritten by
assuming ageneral formulaof CnHm for hydrocarbon
fuel and atheoretical air coefficient A

n+m

CnHm+A( j[02+3.76N2]:>(n)C02+(m/2)H20

+[(A—1{n+%ﬂ02 +{3.76A(nzmﬂN2 &)

The first law of thermodynamics for an adiabatic
combustion

n n

Z(nihi)reactants :Z (nihi) (4)

i=1 i=1 ptoducts

where T

h=h? + J' C,dT 5
298

Thetheoretical air coefficient and then thefuel—air
ratio can be cal cul ated from equation (5) for any
given turbineinlet temperature.

Turbine analysis

Firgt, we consider non-cooled turbine, i.e. no coolant
isextracted from the compressor. Similar to compressor,
using polytropic efficiency of gas turbine, exit
temperature can be determined. Inlet pressure of the
turbine can be calculated by decreasing combustion
chamber pressure drop from compressor discharge

pressure:

T3 Py

o ST B o ;
M T ©

T4 P3

And produced work is:

T3

1+ fa) % [ Coc o dT
Ts
M C.P.

Wir, =
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Cooled turbine modd is based on El-Masri’swork
which hasbeen modified and re-used by Bolland (GT
PRO-GT MASTER, 2004) In this Model, blade
temperatureisan input (usually 1123K) and expansion
path is considered to be continuous, instead of actual
expansion (stage by stage expansion) (Sarabchi, 2000).
Expansion path is divided into large number of sub-
stages with low pressure ratio. This model has been
applied where parametric analysis of gasturbineisour
goal and the knowledge of expansion path is not
important. However, such a model can not deliver
information about expans on path. For every sub-stage,
mass of cool ant can be determined as:

Cpyq - dTy (Tg —Ty)
CP.c Tamb. (Tb _Tc)

where 6 isdefined as;

me
Mg

©)

Aw,stage
A
o= g >
C.(k—1).M ,2.¢

Inthe aboveequation, m_isthemassflow of coolant
for sub-stage; m, isthe mass flow of gasentering sub-
stage; C, and C, are the specific heat of gas and
coolant respectively, dTg isthedifference between inlet
and outlet temperature; T, isthetemperature of blade;
T, is the temperature of coolant entering blade.
Parameter St is the Stanton number and is equal to
0.005 with good accuracy (Consonni, 1988). Ratio of
(AW’Q@/AQ) for every stageis 10 and C is between 0.3
to 0.5. Non-dimensional parameter o is a critical
parameter in gas turbine design with & having large
influenceon o , itsvalue changes depending on cooling
technology. For convective cooling, itsvalueisequal
to 0.3 and for film cooling, equal to 0.5. For high-
technology gasturbine, o isequal to 0.1-0.15, while
for othersit is0.4-0.45. Other turbine models such as
stage by stage models have also been introduced to
our model, but such adetailed mode isnot suitablefor
this case (Katsavou, 1995).

St.

©)

Reheat combustion chamber analysis
Theeqguation of the combustion reaction for thereheat
combustion chamber can be written as:

XCnHm+ nCO2 + (%szO +(A —1)(n + %]Oz + 3.76A(n + %)Nz =

(x+njcop + [Zx + %JNz + [[n +%J(A -1)- ZX}OZ (10)
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Where x denotes the fuel consumed in the reheat
combustion chamber per mol e of fuel consumed in the
primary combustion chamber. Parameter x and
eventually thefuel—air ratio can befound by applying
the energy balance equation to the reheat combustion
chamber.

Recuperator analysis

Intheheat exchanger the exhaust gasfromthe LPT
isused to heat air beforeit entersthefirst combustion
chamber, and thereforethefuel consumption isreduced
in the combustion chamber. Recuperator effectiveness
isdefined by equation (11), considering theair tobea
minimumfluid (Kreith, F. 1973):

Ty _
: Tj C pdT a0
&= = T
jc oa AT
Also, the ener;y balancefor this component is:
.T[CpadT =+ f,+ fz)ch 0g20T (12)

T Ty

AsT2and T6 can be obtained respectively from the
compressor and LPT models, it follows that the
combustion chamber inlet temperature, Ta, and the heat
exchanger exit temperature, Tb, can befound from the
above equations.

RESULTS
Point of introduction of reheat

A detailed investigation wasmadetofind asuitable
value of reheat pressure from the viewpoint of
performance parameters (efficiency and specific net
work). Fig. 5 shows the specific net work versus e for
different values of the TITs and compressor pressure
ratios. It should be noted that eisthe exponent in the
relation

Mot = o s 0se<t (13
Also

rhpt r,pt =TI, (14
Fore=0 thpt =1 Thisrefersto SC.
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For e=0.25 Mot = Mot (15)
For e=0.50 rhpt = rIpt
Fore=0.75 Moot = rlst

Examination of Fig. 5 shows that, for any TIT, the
curvesfor different pressureratios passthrough apeak
of wnet asthe HPT pressureratioisincreased (or reheat
pressureis decreased). It isalso seen that the position
of peak points does not depend on the TIT and only
dightly depends on the compressor pressureratio. In
general, the peak points occur at e= 0.4-0.5, for which
the HPT pressure ratio is almost equal to the LPT
pressureratio. It should be noted that the same result
could al so be obtained analytically for an ideal reheat
cycle. Fig. 6illustratesthe thermal efficiency of theRC
against e for various TITs and compressor pressure
ratios. Thisdiagram demongratesthat the curves pass
apesk of efficiency asthe HPT pressureratioincreases.
The e values corresponding to peak points arein the
range0.2-0.3 (for whichr, =% ), and thisisalmost
independent of the TIT and depends dightly on the
pressureratio. Another result isthat the values of the
peak efficiencies increase with increasing TIT and
compressor pressure ratio. For instance, the peak
efficiency for TIT = 1400 °Cand r, = 50isabout 43.5%
, Whereasitsvalueisabout 33.5% for TIT = 1000 °C
and =10. Examination of Figs5 and 6 show that the
curves of specific net work for e = 0.25-0.5 are quite
flat, but thevariation in efficiency inthe same range of
eisconsiderable. Therefore, by designing the RC for

maximum specific net work, the efficiency will be
sacrificed notably and itsvaluewill even belower than
the SC efficiency. However, by designing the RC for
maximum efficiency, the deviation in specific net work
from its maximum valueisnot considerable. Hence, it
can be concluded that thedesign the RC for maximum
efficiency ismuch moreappropriatethan itsdesign for
maximum specific net work. This point will be
investigated further in thefollowing section.Figures
7 and 8 show the performance criteria of the RC based
on various models. All models use the same
assumptionsoutlined in section 2.9, the only difference
between them being theissue of turbineair cooling. In
theabovefigures, cooled model 1 for theRCreferstoa
mode! for which cooling air isextracted from both the
intermediate stage and the compressor outlet and e =
0.5. Moddl 2isthesame asmodel 1 except that e=0.25
inmode 3thecooling air istotally extracted from the
compressor outlet and e=0.5. Examination of Fig. 7
illustratesthat the uncooled model predictsvery high
values for specific net work compared with those
obtained from the cooled models. Also, there is a
considerable difference between the results of the
various cooled models. The same difference is also
seen for efficiency prediction based on variousmodels
(Fig. 8). Aninteresting point in thisregard isthat the
value of efficiency predicted by cooled model 2 ishigher
than that predicted by an uncooled model. Therefore,
accurate evaluation of the performance of RCsinvolves
using a suitable model for this purpose.

Table 1 Performance prediction of selected gas turbines using developed model

Gas turbine model PG KWU ABB GT GE W501D5 RB211 GE9311FA
5361 94.2 10 6541B

M anufacturer Gener_al Siemens ABB Genergl Westinghouse  Rolls-Royce Genergl
Electric Electric Electric

Mass flow rate (kg/s) 12.1 503 76.96 138 3555 89.81 607

Pressure ratio 10.56 10.9 13.96 11.8 14.17 20.02 14.6

Turbineinlet (C°) 985 1198 1218 1145 1180 1168 1348

Power given by manufacturer 25.28 154 2451 39.32 109.5 24.57 231.02

(MW)

Power predicted by model (MW) 26.04 155.9 24.23 39.65 104.87 23.8 230

Difference (%) +3 +1.2 -1.14 +0.84 -4.2 -2.9 -0.43

Efficiency given by manufacturer  27.73 33.9 34.16 323 33.94 34.93 36.8

(%)

Efficiency given by model (%) 28.37 31.73 33.19 31.72 32.8 323 34.79

Difference (%) +2.3 -6.4 -2.83 -1.79 -3.3 -2.8 -5.77

Exhaust gas temperature predicted 493 546 534 536 527.7 468 587

by manufacturer (%)

Exhaust gas temperature predicted 483 588 558 548 535 480 613

by model (%)

Difference (%) -2.03 +7.7 +4.49 +2.23 +14 +2.6 +4.43

257



B., Sheikhbeigi, M.B., Ghofrani

600
)
<
>
<
<]
=
o]
c
Q0
3
&
100 € T T T T T T T !
0 0.1 0.2 0.3 0.4 0.5 0.6 0.7 0.8
e: (rhpt=re)

——— TI1T=1000 c,rc=10 —=&— T1T=1000 c,rc=30 TI1T=1000 c,rc=50

---0--- TIT=1200 c,rc=10 —X— TI1T=1200 c,rc=30 —-eo—- TIT=1200, rc=50

---+--- TIT=1400 c,rc=10 - - A- - TIT=1400 c,rc=30 — —— — TI1T=1400 c,rc=50

Fig. 5: Specific net work versus e for different TIT and pressure ratio values
g
3
o
i)
i
0 0.1 0.2 0.3 0.4 0.5 0.6 0.7 0.8
e (rhpt=rc)

—— T1T7=1000,r=10 —=—— T1T=1000,r=30 A——TIT=1000,r=50 — - - — TIT=1200,r=50
--#- - -TIT=1400.r=10 - - + - - TIT=1400,r=50 - - X- - - TIT=1200,r=30

Fg. 6: Efficiency versus e for different TIT and pressure ratio values

45 -

Efficiency (%)

20 4 ‘ ‘ ‘ ‘ ‘ ‘ ‘ ‘ ‘
5 10 15 20 25 30 35 40 45 50

Pressure ratio
—— RC (uncooled model) —=— RC (cooled model1l) —a— RC (cooled model2) —<— RC (cooled model3)
Fg. 7: Specific net work of the RC as predicted by various models

258



Int. J. Environ. Sci. Tech., 4 (2):253-262, 2007

g
)
g
o
i
h'S
X
20 : : : : : : : : ‘
5 10 15 20 25 30 35 40 45 50
Pressure ratio
—&— RC (cooled model 3) —X— RC (cooled model2)
—a— RC (cooled model1) —X— RC (uncooled model)

Fig. 8: Efficiency of the RC as predicted by various models

Design of the rc and rhc for maximum specific net work

It was previoudy shown that, for any given TIT
and pressureratio, the specific net work of the RC will
be maximized for e = 0.4-0.5. This means that the
pressure ratios and work outputs of both turbines
should beequal. Figures9to 11 show efficiency versus
specific net work for the SC, RC and RHC respectively
for e= 0.5. Thefollowing results can be obtai ned. For
the SC (Fig. 9), both specific net work and efficiency
increase considerably asTIT rises. ForanygivenTIT
thereisapesk valuefor specific net work. Themaximum
values of specific net work, depending on TIT, occur
at pressureratios of 10-20. For the RC (Fig. 10), the
same behavior as that of the SC is observed, but the
efficiency of the RC, for given conditions, islower than
that of the SC. However, its specific net work ishigher.
Inthiscase, themaximum specific net work, depending
on TIT, correspondstor = 20-35, which is higher than
for the SC. Regardingthe RHC (Fig. 11), it can be seen
that the maximum specific net work occursamost in
thesamerange of pressureratiosasfor theRC, andits
value (for agiven TIT and pressure ratio) is dightly
lower than that of the RC because of the pressure drop
in the recuperator. However, RHC efficiency, owing to
the partial utilization of exhaust gas energy, ishigher
than that of both the SC and the RC. Some features of
theabovefiguresare shown in thefirst section of Table
2. Design of the RC for maximum specific net work (i.e.
for TIT = 1200 °C) leadsto an increment in specific net
work of about 35 % but to areduction in efficiency of
5.6 per cent compared with the SC. On the other hand,
design of the RHC for the same conditions increases
the specific net work and efficiency respectively by 28
and 3 %. It should also be noted that the efficiency
improvement of theRHC at lower TITs(i.eTIT = 1000
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°C) is much greater than at higher TITs. Hence, the
costs related to the use of expensive super alloys to
withstand high temperatures could be reduced. In
summary it can be concluded that thedesign of the RC
for maximum specific net work (e=0.5) may increaseits
work output but reduces efficiency compared with the
SC, and therefore this design philosophy is not so
attractive in practice. One solution to overcome this
drawback isto use aheat exchanger in the RC.

Desgin of the rc and rhc for maximum efficiency

It was previoudly shown that the efficiency of the
RC, for agiven TIT and pressureratio, will bemaximized
if e=0.2-0.3and thereforer, =r'* . Figs. 12and 13
show efficiency versus specific net work for the RC
and RHC respectively for e= 0.25. Thefollowing results
can be obtained. For the SC (Fig. 9) it is observed that,
for any given TIT, thereisa peak valuefor efficiency.
The pressure ratios that correspond to peak values,
depending on TI T, rangefrom 25 to 40. Figure 12 shows
thebehavior of the RC. It isobserved that, similarly to
the SC, there is also a peak efficiency for RC for any
given TIT. The peak points occur at higher pressure
ratios (40-50) than for the SC (25-40). Theimportant
result isthat design of the RC for maximum efficiency
yields higher efficiencies compared with the SC at the
expenseof sacrificing somespecific net work increment.
Figure 13 illustratesthat the RHC improvesefficiency
compared with the SC and RC, particularly at lower
TITs(i.e. TIT =1000 °C). Thesecond section of Table
2 demonstrates the results quantitatively. Based on
this approach, thefollowing conclusionscan bedrawn.
If it is intended to obtain the highest efficiency and
specific net work, the best solution isan RC designed
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for maximum efficiency at a higher TIT and pressure
ratio(i.e. TIT =1400°Cand r =50). For these conditions
an efficiency of 43.4 % and a specific net work of 490
kJkg can be obtained. For thiscase, the rel evant stack
temperature and cooling air fraction are respectively
562 8C and 0.361. On the other hand, if the priority is
only the highest efficiency, then the attractive solution
isan RHC designed for alower TIT and pressureratio
(i.e. TIT=1000 °Candr =5). Inthiscasean efficiency of
about 43 % and a moderate value of specific net work
(252 kJkg) may beachieved. Therdevant LPT outlet
temperature, stack temperature and cooling air fraction
are620 8C, 316 8C and 0.096 respectively. It should be
noted that the heat exchanger metal temperatureisone
of the congtraints to be considered when trying to
optimize the gas turbine heat exchanger cycle. The
present limitation for this temperature is 600-650 °C
which is almost satisfied by the optimum design

261

conditions obtained for the RHC in this study. It is
worth noting that all gascyclesusually haveapressure
ratio for maximum efficiency and ancther for maximum
specific work. A designer may not choose one or the
other but a point between one and the other based on
the duty and economic considerations. As measuring
the NOx production by manufacturers, it has shown
that 15-25 ppm less production in Nox emission was
specified. Sowewill have15-20% reduction in emission
by using recuperator in ABB GT10 and GE9311FA
models. Reduction in fud consumption is the most
important reason in this process.

DISCUSSION AND CONCLUSION

A detailed investigation has been made to predict
the actual performance of a reheat gas turbine cycle
and a cycle equipped with a reheat and a heat
exchanger. A distinguishing feature of thisstudy isto
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takeinto consideration the effect of almost all factors
including cooling air on the performance criteria. In
thismodd the cooling air required by the high-pressure
and low-pressure turbines is extracted respectively
from the outlet and intermediate stages of the
compressor instead of being extracted totally from the
compressor outlet. Of course, by this method the
performance of the reheat can be improved
considerably. The following important results were
obtained from thisresearch:

1. In actual reheat cycles, for any given pressureratio
and turbineinlet temperature, the maxi mum specific net
work isachieved when the pressureratiosfor the HPT
andLPT arealmost identical.

2. In reheat cycles, for any given pressure ratio and
turbine inlet temperature, the maximum efficiency is
achieved where I, = r,;{?’.

3. The design of the reheat cycles for maximum
efficiency is more beneficial than their design for
maximum specific net work.

4. Using a heat exchanger in the reheat cycleimproves
efficiency, especially at lower turbineinlet temperatures,
eg. 1000 °C.

5. By using heat exchanger, there were 15-20%
reductionsin NOx production.

AKNOWLEDGMENT

The authors would like to express their thanks for
software support toK. Kheiri D., AAC R&D Manager,
who provided useful information during revised stage.

REFERENCES

Cohen, H., Rogers, G.F.C., Saravanamuttoo, H.L.N., (1996).
Gas Turbine Theory, 4™ Ed., Longman, London.

Consonni, S., (1998). Gas turbine cycles performance
evaluation. In Proceedings of ASME Cogen Turbo Power
Congress.

Crane, R.I.A., (1998). Critical analysis of the thermodynamic
advantages of reheat in gas turbines. Proc. Instn Mech.
Engrs, Part A: J. Power, Energy, 215, 81-87.

da Cunha, M.A., de Franca Mendes Carneiro, H.F,, Travieso,
L.E., Pilidis, P, Ramsden, K.W., (1998). An insight on
intercooling and reheat gas turbine cycles. Proc. Insn Mech.
Engrs, Part A: J. Power, Energy, 215(A2).

El-Masri, M.A., (1986). On thermodynamics of gas turbine
cycles. Part 2: a model for expansion in cooled turbines. J.
Eng. Gas Turb., Power, 108.

Erbes, M.R., Gay, R.R. and Cohn, A., Gate: a ssmulation code
for analysis of gas-turbine power plants. ASME paper

Facchini, B., (1993). New prospects for use of regeneration in
gas turbine cycles. ASME Cogen Turbo Conference, IGTI.

Katsavou, A., (1995). A review of the state-of the art gas
turbine technology. M.Sc dissertation, UMIST, Manchester,
UK.

Kreith, F., (1973). Principles of Heat Transfer, 3" Ed., Intext
Educational Publishers.

Ragland, T., (1995). A high efficiency recuperated cycle,
optimized for reliable, low cogt, industrial gas turbine engine.
ASME paper 95-GT-321.

Sarabchi, K., (2000). A simple approach to gas turbines
modeling. In Proceedings of Al Azhar Engineering 6™
International Conference, Cairo, Egypt.

Sonntag, R.E., Borgnakke, C., VanWylen, G.J., (1998).
Fundamentals of engineering thermodynamics, 5" Ed., John
Wiley, New York.

Stecco, S.S., Facchini, B., (1989). A computer model for cooled
expansion in gas turbine. In Proceedings of 3¢ ASME Cogen
Turbo Conference, France.

Stecco, S.S., Desideri, U., Bettagli, N., (1993). Humid air gas
turbines cycle: a possible optimization. ASME paper 93-
GT-178.

GT PRO-GT MASTER, (2004). Thermoflow Inc., Sudbury,
USA, Available from: www.thermoflow.com

Gas Turbine World 1995 Handbook, (1995). Pequot Publishing
Inc., Fairfield, USA.

Cycle-Tempo, (2004). Cycle-Tempo Inc. Neatherland. Energy
Analisys software.

De Paepe, M., Dick, E., (2000). Cycle improvements to steam
injected gas turbines. Int. J. Energy Res., 24, 1081-1107.

AUTHOR (S) BIOSKETCHES

Email: bsheikhbeigi@abanacds.com

Tehran, Iran. Email: ghofrani@sharif.edu

Sheikhbeigi, B., M.Sc. student in the Department of Energy, Graduate School of the Environment and
Energy, Science and Research Campus, Islamic Azad University, Tehran, Iran.

Ghofrani, M .B., Ph.D. Professor in School of Mechanical Engineering, Sharif University of Technology,

This article should be referenced as follows:

Sheikhbeigi, B., Ghofrani, M.B., (2007). Thermodynamic and environmental consideration of advanced gas
turbine cycles with reheat and recuperator. Int. J. Environ. Sci. Tech., 4 (2), 253-262.

262



