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Abstract

As a new grinding and maintenance technology, rail belt grinding shows significant advantages in many applications.
The dynamic characteristics of the rail belt grinding vehicle largely determines its grinding performance and service
life. In order to explore the vibration control method of the rail grinding vehicle with abrasive belt, the vibration
response changes in structural optimization and lightweight design are respectively analyzed through transient
response and random vibration simulations in this paper. Firstly, the transient response simulation analysis of the rail
grinding vehicle with abrasive belt is carried out under operating conditions and non-operating conditions. Sec-
ondly, the vibration control of the grinding vehicle is implemented by setting vibration isolation elements, optimiz-
ing the structure, and increasing damping. Thirdly, in order to further explore the dynamic characteristics of the rail
grinding vehicle, the random vibration simulation analysis of the grinding vehicle is carried out under the condi-

tion of the horizontal irregularity of the American AAR6 track. Finally, by replacing the Q235 steel frame material

with 7075 aluminum alloy and LA43M magnesium alloy, both vibration control and lightweight design can be
achieved simultaneously. The results of transient dynamic response analysis show that the acceleration of most
positions in the two working conditions exceeds the standard value in GB/T 17426-1998 standard. By optimizing

the structure of the grinding vehicle in three ways, the average vibration acceleration of the whole car is reduced

by about 55.1% from 15.6 m/s” to 7.0 m/s”. The results of random vibration analysis show that the grinding vehicle
with Q235 steel frame does not meet the safety conditions of 3. By changing frame material, the maximum vibration
stress of the vehicle can be reduced from 240.7 MPa to 160.0 MPa and the weight of the grinding vehicle is reduced
by about 21.7% from 1500 kg to 1175 kg. The modal analysis results indicate that the vibration control of the grinding
vehicle can be realized by optimizing the structure and replacing the materials with lower stiffness under the premise
of ensuring the overall strength. The study provides the basis for the development of lightweight, diversified and effi-
cient rail grinding equipment.
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1 Introduction
Rail grinding technology plays an important role in rail-
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vibration caused by various excitations. Therefore, vibra-
tion control measures are significant in the development
of diverse efficient rail grinding vehicles [5], such as
structural optimization and lightweight design.

Dynamic simulation is widely applied in the field of
railway vehicles [6]. The study on dynamic characteris-
tics of railway vehicles involves both transient response
and random vibration. Through dynamic simulation, the
vibration characteristics of the vehicle system can be ana-
lyzed for its structural optimization [7]. Hillerborg et al.
[8] established a multi-rigid vehicle model with only 2
degrees of freedom and connected to two mass blocks by
a spring. In the model, for the convenience of the vibra-
tion analysis of wheelset, only the Z-direction vibration
of the vehicle was considered. Vehicle dynamics have
been explored in this way [9-11]. Yi et al. [12] established
a dynamic analysis model of the deflection mechanism of
a rail grinding vehicle with the finite element method and
carried out the dynamic simulation analyses of the mech-
anism, including dynamic response analysis and modal
analysis. The finite element method is widely applied in
the field of rail grinding [13-17].

Two methods are mainly used to realize the vibration
control of rail vehicles, namely, passive vibration reduc-
tion and active vibration reduction. Regarding passive
vibration control, Zhang et al. [18] proposed a new vibra-
tion control method for building vibration suppression
and vehicle suspension design, the structure-immittance
method, and verified the method through simulation.
Many scholars achieved passive vibration control by opti-
mizing the structure and changing materials [19, 20].
Regarding active vibration control, kbalEski et al. [21]
used a robust artificial neural network to design a con-
trol system for the problem of vehicle vibration caused by
road surface irregularities and confirmed that the control
system performed better in the adaptation to the random
road disturbance of vehicle suspension. Many schol-
ars realized active vibration control through algorithms
[22-26].

Lightweight design methods can be divided into struc-
tural optimization and material replacement. JANG
et al. [27] developed a novel ultra-lightweight frame for
a flatbed trailer, optimized the thicknesses of the mem-
ber plates and the boundary shapes with the Taguchi
method through computer aided engineering (CAE) soft-
ware, improved frame bending and torsional stiffness,
and reduced its mass by 24.5% compared to the original
model. This structural optimization method is widely
favored by many researchers in the lightweight design
field [28-31]. However, the structure of the rail grinding
vehicle determines its stability and grinding quality, thus
leading to some limitations in optimizing the structure.
Therefore, it is necessary to changing the frame material
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for the lightweight design. Bletzinger et al. [31] indicated
that the steel material of the vehicle could be replaced
by aluminum, magnesium, and plastic. Alternatives to
the steel unibody are multimaterial units and aluminum
space frames. This method of changing materials is also
widely adopted by many researchers [32—35].

The study on dynamic characteristics is important in
vibration control for optimizing the grinding vehicle.
However, relevant studies on a rail grinding vehicle with
abrasive belt were seldom reported. In this study, with
a rail grinding vehicle with abrasive belt as the research
object, the modes of the entire vehicle and its compo-
nents are analyzed. Next, the transient dynamics of the
grinding vehicle are studied under operating conditions
and non-operating conditions and passive vibration con-
trol is carried out by setting vibration isolation elements,
optimizing the structure, and increasing damping ways.
Then, the dynamic characteristics of the grinding vehicle
are further studied by random vibration simulation under
the power spectral density of the horizontal irregularity
of the American AAR6 track and both the lightweight
design and vibration control are simultaneously realized
by replacing Q235 steel frame material with 7075 alu-
minum alloy and LA43M magnesium alloy.

2 Modal Analysis

Through modal analysis, the natural frequencies of the
various parts can be obtained for subsequent dynamic
analysis.

2.1 Finite Element Model and Excitation of the Grinding
Vehicle

In the Hypermesh software, the motor and electrical
devices are simulated by mass points and Reb3 units. The
underframe and frame are formed by welding channel
steel and aluminum alloy. The wheelset is composed of
chrome bearing steel and carbon steel. The grinding unit
is composed of aluminum alloy and rubber and the skin
is an aluminum alloy plate. The length-thickness ratio of
channel steel and aluminum alloy in the grinding vehicle
is large, so the underframe, skin, and frame structure are
simulated by shell elements with a size of 10 mm in order
to reduce the calculation cost. The wheelset and grinding
units are solid units with a size of 5 mm so as to increase
model accuracy. Welding is simulated by the spot unit
and the bolt and bearing connection are simulated by the
rigid unit and beam unit. Each contact surface is initially
in a contact state with a certain stiffness.

In the solution process in Nastran software, the simu-
lated damping is viscous damping and structural damp-
ing. According to the previous report, the critical
damping ratio of the structure is generally in the range of
0 to 10% [36]. Therefore, the critical damping percentage
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is set to 3% and the overall structural damping coef-
ficient is 6% [37]. In the dynamic response analysis, the
structural damping is converted into equivalent viscous
damping. The material properties of each component are
shown in Table 1.

The finite element model of the rail grinding vehicle
with abrasive belt is established in Hypermesh with a
total of 3.23 million nodes and 2.76 million elements, as
shown in Figure 1.

Figures 1(e), (f), (g), and (h) show the excitations
received by the grinding vehicle under operating condi-
tions. Figure 1(e) is the wheel out-of-round excitation.
From November 2011 to May 2014, Yuan’s research

Table 1 Modeling material table of the finite element model

Materials Density (g/cms) Elastic Poisson’s ratio
modulus
(GPa)

Steel Q235 7.85 210 0.30

Aluminum alloy 6061 2.70 70 0.33

Bearing steel GCr15  7.85 206 0.30

Rubber 1.02 0.00784 048

O

1st order 2nd order

SRS
Wavedepth a
.
b——rL

Wavelength

31d degree polygon Higher order polygons

(e) Wheel Out-of-roundness Excitation (f) Rail Corrugation Excitation

Figure 1 Finite element model and excitation
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group conducted a large number of tests on the wheel
shape of a certain type of EMU wheel. In the test data
obtained, the main components that make up the wheel
are basically within the 20 order, of which the 1-6 order is
relatively significant. In the wheels of the new wheel and
the new repair, the wheel is not round and mainly has 1-3
order [36]. According to Yuan’s research on wheel out-of-
roundness and the design requirements of the explored
grinding vehicle, the wheel out-of-roundness in this
paper is a 1-3 order wheel polygon and the radial runout
value is 0.04 mm. The belt-type rail grinding vehicle has
a wheel diameter of 370 mm, a maximum travel speed
of 20 km/h, and a maximum grinding speed of 10 km/h.
The excitation frequency range of wheel out-of-round-
ness is 4.78 to 15 Hz under non-operating conditions and
the excitation frequency range of wheel out-of-roundness
under operating conditions is 3 to 9 Hz.

Figures 1(f) and (h) show the rail corrugation excita-
tion, which belongs to the continuous harmonic displace-
ment excitation. According to the calculation results of
rail corrugation of Liu [38], the main grinding wavelength
of rail grinding vehicle with abrasive belt is approximately
50 to 150 mm and the wave depth is approximately 0.1
mm. The excitation range of the track is 37.04 to 111.11

/

S « (d) Grinding Unit ,\
~ -
SR

T
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Tl

Wavelength

(g) Eccentric Excitation (h) Grinding Excitation
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Hz at the highest speed in the non-operating state and
the excitation range of the track is 18.52 to 55.56 Hz at
the highest speed in the operating state.

Figure 1(g) shows the driving wheel eccentric excita-
tion. According to the unbalance inertia force, periodic
disturbance force, and transmission ratio formula in the
study of Yu [5], related parameters are set as follows: the
wheel (d1 = 125 mm; d2 = 180 mm), the mass of the driv-
ing wheel = 8 kg, and the eccentricity = 1 mm. The fre-
quency range of eccentric excitation is 0 to 35 Hz and the
range of inertial force is 0 to 380.65 N.

2.2 Modal Analysis of Key Components
The modes of key components are analyzed with a
detailed large model as follows.

2.2.1 Modal Analysis of the Underframe

The underframe is important in the whole vehicle. After
the restraint is imposed at the installation position where
the underframe and the traveling part are connected,
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the first 20 restraint modes of the underframe of the rail
grinding vehicle with abrasive belt are calculated and
the natural frequencies of the first 8 orders are listed in
Table 2. The corresponding modes are shown in Figure 2.

According to Table 2 and Figure 2, the first eight nat-
ural frequencies are all within the internal and external
excitation source frequency range of 0 to 111.11 Hz, so
the underframe resonates when the grinding vehicle
passes through rail corrugation excitation under operat-
ing conditions. As indicated in the modes of each order,
the resonance parts are mainly the Z-direction beam
in the middle of the underframe and the connection
between Z-direction beam in the middle and the front
and rear ends.

2.2.2 Modal Analysis of Frame

The frame of the rail grinding vehicle with abrasive belt
is connected to the underframe through the main beam.
After applying constraints at the connection installation
position between the frame and the underframe, the first

Table 2 Constraint modal parameters of the underframe of the grinding vehicle

Orders Frequencies (Hz) Modes

Orders Frequencies (Hz) Modes

1 19.66 Z-direction vibration in the middle of Z direction 5 38.11 Twist in the middle of Z-direction beam
beam
2 21.64 Y-direction vibration in the middle of Z direction 6 40.87 Z-direction fluctuations at the connection
beam
25.17 Twist in the middle of Z-direction beam 7 4479 Front end Z-direction fluctuation
4 27.13 Z-direction fluctuations at the connection 8 49.75 Z-direction fluctuations at the connection
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Figure 2 Constrained mode diagram of the underframe of the grinding vehicle
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20 constrained modes of the grinding vehicle frame are
calculated. Due to the dense modal frequencies, the natu-
ral frequencies of the first 10 orders are listed in Table 3
and the corresponding modes are shown in Figure 3.
According to Table 3 and Figure 3, the natural fre-
quencies of the first ten orders are all larger than the
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first-order natural frequency and within the excitation
source frequency range of 0 to 111.11 Hz, thus causing
the frame to resonate when the grinding vehicle passes
through the wave grinding under grinding operations.
The mode indicates that the main part of the resonance
is in the middle of the main beam of frame.

Table 3 Constraint modal parameters of the grinding vehicle frame

Orders Frequencies (Hz) Modes

Orders Frequencies (Hz) Modes
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2.2.3 Modal Analysis of the Wheelset
After the wheelset bearing seat is constrained, the first
20 constrained modes of the contact wheelset are calcu-
lated. Table 4 lists the first six vibration modes and the
corresponding mode shapes are shown in Figure 4.
According to Table 4 and Figure 4, the first-order
modal frequency of the wheelset is still in the excitation
source frequency range of 0 to 111.11 Hz, thus causing
resonance when the grinding vehicle passes through the
wave grinding at a high speed. The resonance part is the
wheel.

Table 4 Constraint modal parameters for contact wheel sets
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2.2.4 Modal Analysis of the Grinding Unit

After applying constraints on the grinding unit fixing
frame, the first 20 constrained modes of the grinding unit
are calculated. Table 5 lists some typical modal param-
eters, and the corresponding modal shapes are shown in
Figure 5.

According to Table 5 and Figure 5, the first-order natu-
ral frequency is 3.028 Hz and the excitation source fre-
quency is in the range of 0 to 111.11 Hz, thus causing
the grinding unit to resonate when the grinding vehi-
cle passes through the wave grinding under grinding

Orders Frequencies (Hz) Modes Orders Frequencies (Hz) Modes

1 74.92 Wheel radial expansion 4 271.50 Wheel radial fluctuation
2 118.60 Wheel corners flared 5 305.70 Fluctuation of the wheel
3 183.00 Z-direction axle bends 6 426.10 Wheel radial expansion
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Figure 4 Constraint mode diagram of the contact wheel set
Table 5 Constraint modal parameters of the grinding unit of the grinding vehicle
Orders Frequencies (Hz) Modes Orders Frequencies (Hz) Modes
1 3.028 Contact wheel partial mode 9 28.88 Drive wheel partial mode
3 4.460 First-order twist 12 3642 Frame partial mode
5 6.198 Tension pulley partial mode 16 56.64 Tension pulley partial mode
6 14.28 Tension pulley partial mode 17 60.92 Frame partial mode




Fan et al. Chinese Journal of Mechanical Engineering (2024) 37:68 Page 7 of 27
po— RN — DM Suveage s b Corto Pl 1 DAMSC Satwatgeubspe . Cotour lot 1 DAVSC Sofvarlge o ape b
2‘5F‘|"“'"9"'I(M‘9)SUBCASE\=MODELS Mode#1 Frequency= 3 028e+000Hz : Frame 25 2“9‘“‘9""”'(“‘9’SUBCASE‘=MODELS Mode#3 Frequency= 4.460e+000Hz : Frame 25 U‘SD'R"'W'“ILM‘EPSUBCASEv=MoDELS Mode#5 Frequency= 6.198e+000Hz : Frame 25 Z‘SP‘“”"“"‘[(MN)SUECASE1=MDDELS Mode#6 Frequency= 1428e+001Hz : Frame 25
g e o s Gy

2% Vi

Fesco Fisew 5700 et

70 ppeccies e coricon
=6 404E400 ——3B45E+00 - —6.118E+00 —5.720E+00
5.337E+00 §—3038E+00 - §—5.098E+00 4 767E+00
| i | e | gy | ghies £

s Tezse 0 3ot 200060

bperes . atee 0 : byscees aven

T ere a0 S someo Al e Byl Vi

-0.000E+00 ) B -0.000E+00 | -0.000E+00 -0.000E+00 P
Max = 9 B0GE 400 = Max = 5 468E400 [ Max = 9.177E400 Max = 8.581E400 r T
Node 945847 Node 990955 Node 934481 Node 940191 U
sy ! | e o a0 e e B0k 0
Node 837075 m | Node 837075 - Node 837075 Node 837075

() D,
-
v ) v ¥ Y L)
| | z .
~

Zea g Za—ye " V

(a) 1st order (b) 3rd order

Contour Plot 1: DAMSC Software\gefullspe.baf  Contour Plot
Displacement(MaglSUBCASE 1= MODELS : Mode#9 Frequency= 2888e+001Hz : Frame 25

Analysis system
8 33BE+00

1: DAMSC Softwaregefulk e, b
Dispscemen(MagUBCASE 1 = MODELS : Mode#12 Froquency= 364204001z - Fame 25
TR0
-7 412E+00
6.485E400
—5559E400
— 52640
£-3706E+00

69636400

60936400
—5226m
—a3Em
381840

27796400 26116400
1853400 1.741E400
9.265E.01 8704E01
0.000E+00 0.000E+00

Max = 8.338E+00 Max =7 8336400

Node 982999 iode

Min = 0,000 Min = 0.000E+00

Nods 837075 Node 837075

Y
X z
2 o]

(e) 9th order

Figure 5 Constrained mode diagram of the grinding unit

(f) 12th order

operations. The mode shape indicates that the resonance
parts are mainly the mounting brackets of driving wheel,
tension wheel, and contact wheel.

2.3 Modal Analysis of the Vehicle

The first 20 free modes of the grinding vehicle are calcu-
lated. Table 6 lists some non-zero modal parameters and
the corresponding mode shapes are shown in Figure 6.

According to Table 6 and Figure 6, the first six-order
non-zero modal frequency is low and the seventh-
order natural frequency of 2.277 Hz is in the excitation
source frequency range of 0 to 111.11 Hz, thus causing
the grinding vehicle to resonate as it passes through the
rail corrugation under operating conditions. Among the
resonance frequencies, the low-order frequency is mainly
caused by the out-of-roundness of the wheel.

When the grinding vehicle is running and grinding nor-
mally, the excitation frequencies of the other main exci-
tation sources are much higher than the seventh-order
natural frequency of the grinding vehicle. In the modes,
the grinding unit has many partial modes, indicating that

Table 6 Free modal parameters of the whole grinding vehicle
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the rigidity at the connection between grinding unit and
underframe and the connection between wheelset and
underframe is low.

3 Dynamic Performance Analysis

Dynamic characteristics are the basis for studying vibra-
tion control of grinding vehicles. The vibration of the
grinding vehicle is analyzed through frequency response
simulation and transient dynamic response simulation.

3.1 Frequency Response Analysis

Six reference points are selected at each key part of the
grinding vehicle to analyze the acceleration response in
the frequency domain, as shown in Figure 7.

3.1.1 Rail Corrugation Excitation

After the rail corrugation excitation is applied, the vibra-
tion response of the vehicle in the frequency range of
18.52 to 111.11 Hz is analyzed. The selected four refer-
ence points are shown in Figure 7. The acceleration

Orders Frequencies (Hz) Modes Orders Frequencies (Hz) Modes

7 2277 Grinding element partial mode 10 2.703 Electrical rack partial mode

8 2357 First-order twist 11 3.081 Grinding element partial mode

9 2.563 Electrical rack partial mode 12 3819 Vibration at the front of the vehicle




Fan et al. Chinese Journal of Mechanical Engineering (2024) 37:68

Contour Plot 1: DA2021-3-1\2021-3-\car-modes-new3.bel Contour Plot

1: D\2021-3-1\2021-3-1\car-modes-new3. b
Freq

Displacement(MagBCASE 1= MODES : Mode#? Frequency= 2 277e+000Hz : Frame 25 1= MODES 2:357¢4000Hz : Frame 25
Analysis syster Analysis system
27656400 18776400
24636400 1671E400
2161E+00 1.484E400
= 1.860E400 — 12586400
| Bt | el
12566400 F-seE0t
9.539E01 63UED
8521601 430601
3502601 2269E01
4BED 2065602

Max = 2.765E404
Nods 1417170 [l
Min = 4 835E.02
Node 1604233

Y;
[}

2 ax

(a) 7th order

(b) 8th order

Contour Plot
Analysis system
29626400
2651E400
2319E400
——1.968E400
| It
213286400

9.949E.01
BETE0
3IBEO!

1410603

Max = 2 9826400
Node 2393245
Min = 1 410E.03
Node 4376444

Y
$

2 —x

(e) 11th order

Contour Plot

—2243E40

iceem

11256400
752E01
3B01E01

Contour Plot
Elsvhumemwu)auss 1= MODES : Mode#19 Frequency= 3819¢4000Hz : Frame 25

1: DA2021:3-1\2021-3 1\car-modes-newd baf
DisplacementMEI)BCASE 1= MODES : Mode#13 Frequency= 3.0816+000Hz : Frame 25

—1.967E400

|

9EFED
6558601
3279601

Page 8 of 27

1: DA2021-3-112021-3-Ncarmodes-newd.bdf  Contour Plot 1: DA2021-3-1\2021-3-Near-modes-newd.be

Displacement(Magl)BCASE 1 = MODES : Mode#9,Frequency= 2.563e+000Hz : Frame 25  DisplacementMag)BCASE 1= MODES : Mode#10,Frequency= 2.703¢+000Hz : Frame 25
Analysis system Analysis systom

3361E0 4569E400

29686400 40826400

26156400 3554E400

—3047E400
|
20336400

15286400
N F-1019E400
5117601

4529603

18708400

7493603

Node 4400718

v

=X

(c) 9th order

(d) 10th order

1: DA2021-3-12021-3-Ncarmodes-newd. bl
nalysis system
2951E400

26236400
22956400

1640E400

0.000E+00

(f) 12th order

Figure 6 Free-mode vibration mode diagram of the whole grinding vehicle

Point 5 Skin upper plate

Point 6 Dust collection system

Figure 7 Schematic diagram of the selected six reference points

response results of each reference point are extracted
(Figure 8).

As shown in Figure 8, the frequency range of rail cor-
rugation excitation is between 17 and 112 Hz. The over-
all trend of each reference point is introduced below.
The vibration acceleration in the three directions gradu-
ally increases with the increase in the frequency and the
Y-direction vibration is the main vibration. When the fre-
quency is above 50 Hz, the vibration of the whole vehicle
is large. In other words, the grinding vehicle generates

Point 1 Front of bottom frame

Point 3 Frame beam

Pont 4 Contact wheel
Point 2 Middle of Bottom frame

large vibrations under the fast speed or short-wave grind-
ing conditions.

3.1.2 Wheel Out-of-Roundness Excitation

After the wheel out-of-round excitation is applied, the
vibration response of the vehicle at the 1st-3rd order of
excitation frequencies of the wheel polygon is analyzed.
The selected reference points are shown in Figure 7 and
the acceleration response results of each reference point
are extracted (Figure 9).



Fan et al. Chinese Journal of Mechanical Engineering (2024) 37:68

- Y direction

—— Xdirection

Vibration acceleration (m/s2)

36

55 74
Frequency(Hz)

93

(a) Front of the underframe

Page 9 of 27

Y direction

I lir

— X direction

)
o W
= (=4

80
60

40 ; “ \‘ l‘v

Vibration acceleration (m/s2

A v\
M A | ~
I XA, L

/ \/

q 7 36 55 74 93 112
Frequency(Hz)

(b) Middle of the underframe

60 40
o 0 o
in 0
£
Eq c
8 2
s 30 5
= g
g <
[4+]
g% 5
£ 10 5
Q T—
£ S

7

25

74
Frequency(Hz)

93 112

(c) Main beam of frame

36 25 74

Frequency(Hz)
(d) Contact wheel

93

Figure 8 Frequency domain diagram of vibration acceleration at each reference point under rail corrugation excitation

As shown in Figure 9, the wheel out-of-round exci-
tation frequency range is between 0 and 15 Hz and
belongs to the low frequency range, thus causing the
resonance of the whole vehicle. Among the 4 refer-
ence points, the vibration of the contact wheel and the
middle of the underframe is relatively large. The vibra-
tion amplitude increases gradually with the increase in
the frequency and peaks at approximately 14 Hz. By
improving the structure of the underframe and increas-
ing the rigidity, the vibration problem caused by the
out-of-roundness of the wheel can be avoided.

3.1.3 Abrasive Belt Grinding Excitation

After the abrasive belt grinding excitation is applied,
the vibration response of the vehicle in the excitation
frequency range of 18.52 to 55.56 Hz is analyzed. The
selected four reference points are shown in Figure 7 and
the acceleration response results of each reference point
are extracted (Figure 10).

As shown in Figure 10, the excitation frequency range
of abrasive belt grinding is between 17 and 55 Hz. The
vibration acceleration of each reference point gradu-
ally increases with the increase in the frequency and the
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Figure 9 Frequency domain diagram of vibration acceleration at each reference point under wheel out-of-roundness excitation

vibration generated by grinding is transmitted to each
reference point through the grinding unit mounting
plate. The vibration of the main beam of frame is similar
to that of the front end of underframe. Resonance occurs
the when X-direction vibration frequency is 45 Hz.

3.1.4 Driving Wheel Eccentric Excitation
Eccentric excitation is applied in order to analyze the
vibration response of the vehicle at an excitation fre-
quency of 0 to 35 Hz. The selected four reference points
are shown in Figure 7 and the acceleration response
results of each reference point are extracted (Figure 11).
As shown in Figure 11, the acceleration response fre-
quency of each component is concentrated in the range
between 25 Hz and 35 Hz. Resonance is generated near
33 Hz and a vibration peak occurs. The result may be
interpreted as follows. The inertial force generated by

the eccentricity of the driving wheel increases with the
increase in the rotational speed of the driving wheel, thus
resulting in an increase in the overall vibration. There-
fore, it is necessary to correct the eccentricity of the
driving wheel of the grinding unit so as to avoid violent
vibration.

3.2 Dynamic Performance Analysis

The grinding vehicle is subjected to various excitation
combinations during driving and operation, so various
excitation sources are applied according to the actual
operating conditions in the simulation analysis. Under
non-operating conditions, the grinding vehicle is sub-
jected to rail corrugation excitation and wheel out-of-
roundness excitation. Under operating conditions, the
grinding vehicle is additionally subjected to grinding
excitation and drive wheel eccentric excitation.
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Figure 10 Frequency domain diagram of vibration acceleration at each reference point under abrasive belt grinding excitation

3.2.1 Non-operating Conditions

Under non-operating conditions, the grinding vehicle
runs on the rail without grinding. The driving speed is
higher than that under operating conditions. The exci-
tation source is the rail corrugation excitation and the
wheel out-of-round excitation (Table 11). In the tran-
sient response analysis under non-operating conditions,
the input includes the multiple cycles of rail corrugation
excitation with the frequency of 111.11 Hz and wheel
out-of-round excitation with the frequencies of 4.78 Hz,
9.56 Hz, and 15 Hz, as shown in Figure 12.

The selected reference points are shown in Figure 7 and
the vibration acceleration time domain diagram of each
reference point are shown in Figure 13.

As shown in Figure 13, after the rail corrugation and
the wheel out-of-round excitation are loaded, the vibra-
tion acceleration of the reference point has different
numbers of peaks in the lateral, X- and Z-directions.

The result is interpreted as follows. The applied displace-
ment excitation is a periodic simple harmonic excitation,
which conforms to the characteristics of the input func-
tion. There is no bogie or suspension damping device, so
the vibration acceleration of each part of the vehicle is
too large.

The reference point of the front end of underframe
is selected at the place where underframe and wheel
are connected and installed and the most affected by
vibration. The input excitation is in the Z-direction, so
Z-direction acceleration is significantly greater than
X- and Y-direction accelerations. The reference point
of frame is located at the main beam and the connec-
tion point between the main beam and the underframe
is close to the bearing seat, so the vibration is similar to
that at the front end of the underframe. The Z-direction
vibration is the most obvious and X- and Y-direction
vibrations are small. Due to the vibration transmitted by
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the frame, Z-direction vibration of the upper panel of the
skin is more obvious than X- and Y-direction vibrations.
The dust collection system is installed on the front end
of the underframe and greatly affected by Z-direction

vibration of the front end of the underframe, so the main
vibration of the dust collection system is the Z-direction
vibration.

Fast Fourier transform is performed on the time-
domain diagram of vibration acceleration to obtain the
frequency-domain diagram of vibration acceleration
(Figure 14).

As shown in Figure 14, the acceleration response fre-
quency of the reference point is mainly concentrated in
the range of 0 to 200 Hz. The acceleration response curve
of the front end of underframe has the peaks in three
directions mainly at 113 Hz and 184 Hz. The frequency
of 113 Hz coincides with the vibration frequency of
111.11 Hz excited by rail corrugation and the frequency
of 184 Hz coincides with the Z-direction bending modal
frequency of wheelset axle (183 Hz), thus causing reso-
nance. The most significant acceleration response peaks
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Figure 13 Time domain diagram of vibration acceleration at each reference point under non-operating conditions

of the main beam of frame are also at 113 Hz and 184
Hz. The vibration response principle of the main beam of
frame is similar to that of the front end of underframe.
The peak acceleration response in the middle of
underframe is mainly at the frequencies of 61 Hz, 113
Hz, and 165 Hz. The frequency of 61 Hz is close to the
Z-direction bending modal frequency of Z-direction
beam of underframe, 62.50 Hz. The frequency of 113
Hz is close to the vibration frequency of the rail corru-
gation excitation of 111.11 Hz. The frequency of 165 Hz

is close to the wave modal frequency of the Z-direction
beam stiffener of underframe (160 Hz), so resonance
occurs.

The frequency of the vibration response peak of con-
tact wheel of the grinding unit (61 Hz) is close to the
natural modal frequency of the grinding unit (60.92
Hz) and the mode is the partial mode of the deflection
mechanism support frame. The vibration frequency of
skin is mainly below 100 Hz and the Z-direction vibra-
tion is the main vibration and peaks at 61 Hz.
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Figure 14 Frequency domain diagram of vibration acceleration at each reference point under non-operating conditions

3.2.2 Operating Conditions

Under the grinding condition, the grinding vehicle runs
on the rail and performs the grinding operation. The exci-
tation sources are rail wave grinding, wheel out-of-round
excitation, grinding excitation, and eccentric excitation.

According to the frequency response analysis of a sin-
gle excitation source, the rail corrugation excitation and
abrasive belt grinding excitation occur at the input fre-
quency of 55.56 Hz under the grinding operation con-
dition. The wheel out-of-round excitation occurs at the
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frequencies of 3 Hz, 6 Hz, and 9 Hz and the active exci-
tation of wheel eccentric excitation occurs at 35 Hz, as
shown in Figure 15.

The selected reference points are shown in Figure 7.
The time domain diagram of vibration acceleration at
each reference point is shown in Figure 16.

The reference Z-direction acceleration of the front
end of underframe is significantly greater than X- and
Y-direction accelerations (Figure 16). When the corruga-
tion excitation occurs at the frequency of 55 Hz, X-direc-
tion resonance of the front end of underframe occurs and
is more severe than that at 111.11 Hz under non-operat-
ing conditions. Under operating conditions, the bearing
seat is also subjected to the abrasive belt grinding exci-
tation transmitted by underframe and the eccentric exci-
tation of driving wheel, so X- and Z-direction vibrations
are larger than those under non-operating conditions.

The frame is mainly subjected to various vibrations
transmitted from the underframe and X- and Z-direc-
tion vibrations are the most obvious. The grinding unit
vibrates violently because the reference point of the
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Figure 15 Time domain diagram of excitation under operating
conditions

Page 15 of 27

grinding unit is set on the contact wheel. The vibration of
the grinding unit is directly affected by the abrasive belt
grinding excitation and the eccentric excitation of driv-
ing wheel. X- and Y-direction vibrations of contact wheel
are significant and X-direction vibration is the most sig-
nificant after reaching a steady state. The Z-direction
vibration of skin upper plate is stronger than X- and
Y-direction vibrations and the overall vibration is larger
than that under the non-operating condition. The vibra-
tion of dust collection system is obviously enhanced
because the dust collection system is installed on the
underframe and the vibration of underframe causes a
large vibration of dust collection system.

Fast Fourier transform is performed on the time-
domain diagram of vibration acceleration to obtain the
frequency-domain diagram of vibration acceleration
(Figure 17).

As shown in Figure 17, the vibration response fre-
quency of each component is mainly concentrated in the
range of 0 to 120 Hz, which is consistent with the fre-
quency range of natural mode and excitation source.

The acceleration response curve of the front end of
underframe has the peaks at 35 Hz and 55 Hz in three
directions. The frequency of 35 Hz coincides with the
eccentric excitation frequency of the drive wheel and the
frequency of 55 Hz coincides with the rail corrugation
excitation frequency and the abrasive belt grinding exci-
tation frequency, thus causing resonance. The accelera-
tion response curve in the middle of underframe also has
the peaks at 34 Hz and 54 Hz in three directions, similar
to that of the front end of underframe.

The acceleration response peaks of the main beam of
frame also occur at the frequencies of 34 Hz and 54 Hz.
The main beam is less affected by the excitation source
than the underframe due to the transmission through
the underframe. The acceleration response peaks of con-
tact wheel occur at 34 Hz, 40 Hz, and 54 Hz, and X- and
Y-direction acceleration peaks occur at 34 Hz, indicating
that the eccentric excitation of driving wheel is mainly
transmitted laterally and longitudinally to the contact
wheel. The skin vibration is still dominated by Z-direc-
tion vibration under operating conditions and the rail
corrugation excitation at 55 Hz has a significant impact
on skin. The vibration of dust collection system is domi-
nated by Z-direction vibration with a peak at 34 Hz and
mainly affected by the eccentric excitation of driving
wheel of the grinding unit.

3.3 Vibration Evaluation

By calculating the root mean square (RMS) value of
vibration acceleration in the time domain, the vibration
strength of the whole vehicle and key components can
be judged. In this part we will calculate RMS of vibration
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Figure 16 Time domain diagram of vibration acceleration at each reference point under operating conditions

acceleration of three directions and all reference points
of the whole vehicle in three directions by 6 reference
points.

3.3.1 Non-operating Conditions

From the dynamic response analysis results of the above
symmetrical grinding non-operating conditions, the
vibration acceleration at each reference point is extracted

and RMS value of vibration acceleration at each reference
point is calculated, as shown in Table 7.

According to the GB/T 17426-1998 standard [39]
(hereinafter referred to as GB/T 17426-1998), the maxi-
mum Z-direction vibration acceleration of special railway
vehicles and rail machinery is 6.87 m/s* and X-direction
vibration acceleration is 4.91 m/s% Due to the large size
of the model and insufficient computer calculation capa-
bility, the experimental section in the simulation analysis
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Table 7 Effective values of vibration acceleration at the reference point of each component under non-operating conditions

Directions Front of Middle of Main beam of Contact wheel Skin upper plate Dust
underframe underframe frame collection
system
X-direction 2.9389 01317 0.5873 03374 0.1653 1.0366
Y-direction 10.6702 1.5933 34995 04651 1.7110 0.5575
Z-direction 0.8582 0.1720 0.7234 0.1901 0.2269 0.5064
Average 4.8224 0.6323 1.6034 0.3308 0.7010 0.7001
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is short. Therefore, the average vibration acceleration in
this section is calculated to represent the vibration accel-
eration of the 100-km test section in GB/T 17426-1998.

According to Table 7, the Z-direction vibration acceler-
ation of the front end of chassis is 10.67 m/s?, which does
not meet the maximum vibration acceleration specified
in GB/T 17426-1998.

When the grinding vehicle is subjected to the maxi-
mum rail corrugation excitation and the underframe
does not resonate under the non-operating condition, the
root mean square value of vibration acceleration of the
whole vehicle is calculated to be 3.20 m/s%.

3.3.2 Operating Conditions

From the dynamic response analysis results of the above
symmetrical grinding operation conditions, the vibration
acceleration value of each reference point is extracted
and RMS value of vibration acceleration at each reference
point is calculated (Table 8).

The Z-direction vibration acceleration of the front end
of underframe is 7.76 m/s> (Table 8), which does not
meet the maximum Z-direction vibration acceleration
specified in GB/T 17426-1998.

Under the grinding operation conditions, due to the
actions of rail corrugation excitation, abrasive belt grind-
ing excitation, driving wheel eccentric excitation, and the
resonance of underframe, RMS of vibration acceleration
of the whole vehicle is 15.60 m/s.

4 Structural Optimization

Based on the modal analysis results, the natural fre-
quency of the equipment structure is changed to be far
away from the main frequency of the excitation force so
as to prevent resonance. The vibration control is gener-
ally implemented by setting vibration isolation elements,
optimizing the structure, and increasing damping.

4.1 Vibration Isolation Element
4.1.1 Connection between Underframe and Walking Parts
The natural frequency fj of the vibration isolation system

is calculated according to the frequency ratio j% =25-5
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[40]. For rubber materials, dynamic characteristics need
to be considered:

5 [E
fo= v\l Ey’ @)
where x is the static compression of the elastic mem-
ber of the vibration isolation system under the action of
equipment gravity; E; and Ep are the dynamic and static
elastic moduli of the rubber material, respectively.

According to the natural frequency and mass required
by the vibration isolation system, the stiffness and static
compression of the vibration isolator are calculated as
follows:

K = MQ@2nfy)?, 2)

x = Mg /K. (3)

Where K is the stiffness of the vibration isolator; M
is quality; fp is the natural frequency; x is the amount of
static compression.

According to the above dynamic response analysis, the
excitation frequency of rail corrugation is above 50 Hz,
so the vibration generated by the grinding vehicle is the
strongest.

The natural frequency of the vibration isolation system
is preliminarily determined to be 10 to 25 Hz. The 16
bolts on underframe are replaced by isolators (Position
1 shown in Figure 18). The weight of rail grinding vehi-
cle and abrasive belt excluding running parts is approxi-
mately 1300 kg. The load of each vibration isolator is
M = 81.25 kg. With Eq. (2), the range of stiffness K of the
vibration isolation system is calculated as 3205 to 20041
N/cm. With Eq. (3), the static compression x is calculated
as 2.4 to 0.4 mm.

Based on the above analysis, the compression type rub-
ber vibration isolator is selected. With the required maxi-
mum static compression x, the material thickness and
required compression or shear area are calculated below.

The material thickness is calculated as:

Table 8 Effective values of vibration acceleration at the reference point of each component under operation conditions

Directions Front of Middle of Main beam of Contact wheel Skin upper plate Dust
underframe underframe frame collection
system
X direction 29927 0.9421 1.6987 11.5301 2.8243 1.8458
Y direction 7.7557 23.5237 11.8953 12.3307 13.3423 7.3990
Z direction 75102 5.0975 9.0508 31.8419 5.8691 1.8253
Average 6.0862 83612 7.5426 18.5676 73412 3.6942
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(a) Position 1 (b) Position 2
Figure 18 Schematic diagram of the positions of rubber shock
absorbers
xEd
H=—, (4')
o

where H is the thickness of material; E; is the dynamic
elastic modulus of the rubber; o is the allowable load of
the rubber.

The isolator footprint is expressed as:

S=—, (5)
o
where S is the supporting area of the rubber.

The constants E; and o of rubber are provided in
Table 9 [41]. A schematic diagram of the rubber vibration
isolator is shown in Figure 19.

Due to the limitation of Z-direction movement dis-
tance of the grinding unit, the thickness H of the rub-
ber material should be as small as possible. According
to Table 9 and Eq. (4), a harder rubber with E;/o= 50 is
selected and when the static compression is 0.8 mm, H is
40 mm. According to Eq. (5), the required area is calcu-
lated as S=406 with the allowable pressure of the rubber
vibration isolator, so D2 should be greater than 22 mm.

Table 9 Parameters of common rubbers

Materials Poisson’s ratio Elastic Allowable
modulus pressure
E4 (MPa) o (MPa)

Soft rubber 0.1-0.2 5 25-50

Harder rubber 03-04 20-25 50-83

Slotted or perfo-  0.2-0.25 4-5 18-25

rated rubber

Spongy rubber 0.03 3 100
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(a) Rubber isolator

(b) Finite element model
Figure 19 Schematic diagram of the rubber shock absorber

Therefore, the GXGSS5744M8 rubber vibration isolator
made of galvanized Q235 carbon steel and natural rubber
is selected. The maximum load is 95 kg. The thickness H
is 44 mm and the diameter of the rubber material is 57
mm.

4.1.2 Connection between Grinding Unit and Underframe
The excitation sources at the installation position where
grinding unit and underframe are connected are mainly
the eccentric excitation of driving wheel and the abrasive
belt grinding excitation (Position 2 in Figure 18) and the
frequency range is 18.52 to 55.56 Hz.

The natural frequency f; of the vibration isolation sys-
tem is preliminarily determined to be 6 to 15 Hz. The
underframe is connected to the grinding unit through the
mounting plate with 6 bolts, which are replaced with 6
vibration isolators. The weight of grinding unit is approx-
imately 80 kg. The load of each isolator is M =133 kg.
With Eq. (2), the stiffness range K " of the vibration isola-
tion system is calculated as 186 to 1176 N/cm. With Eq.
(3), the static compression amount x is calculated as 7 to
1.1 mm.

Additionally, the above type of rubber vibration iso-
lator is chosen. Due to the limitation of Z-direction
movement distance of the grinding unit, the thickness
H' of the rubber material should be as small as pos-
sible. According to Table 9 and Eq. (4), soft rubber
E;/o = 25 is selected. When the static compression x
is 1.1 mm, H is 27.5 mm. With Eq. (5), the required
area is calculated as S=66.5 based on the allowable
pressure of the rubber vibration isolator. Therefore,
the GXGSS2015M6 rubber vibration isolator made of
galvanized Q235 carbon steel and natural rubber is
selected. The maximum load is 15 kg. The thickness H
is 15 mm and the diameter of the rubber material is 20
mm
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4.2 Structural Improvement

4.2.1 Underframe

According to the above modal analysis and dynamic
response analysis of underframe, the frequencies
with the largest resonance amplitude at the reference
point are approximately 34 Hz, 55 Hz, and 88 Hz. The
underframe structure should be improved through the
following measures:

Firstly, sealing plates are installed at the front and
rear ends of the three Z-direction beams in the mid-
dle of underframe and reinforcing ribs are added to
increase the stiffness of the connection, as shown in
Figures 20(a) and (d)

Secondly, the motor, electrical box, and other devices
are installed at the beam and the structure should be
improved to avoid excessive vibration. The arrange-
ment way of transverse beam stiffeners for increasing
the beam stiffness is shown in Figure 20(b).

Thirdly, connecting pieces should be added between
Z-direction beams to enhance Y-direction stiffness and
avoid torsion in the middle of underframe, as shown in
Figure 20(c).

4.2.2 Frame

According to the modal analysis and dynamic response
analysis of frame, the main frequencies that cause reso-
nance are 21 Hz, 34 Hz, 49 Hz, 55 Hz, and 67 Hz. There
are many partial modes at the main beam of frame and

(a) Add a sealing plate
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the vibration response is strong. The frame structure of
the main beam should be improved through the follow-
ing measures.

Firstly, longitudinal stiffeners are added at the front and
rear ends of the main beam to increase Y-direction stiff-
ness of frame, as shown in Figure 21(a).

Secondly, the main beam of frame is connected with
the left- and right-side beams to increase Y- and Z- direc-
tion stiffness of frame, as shown in Figure 21(b).

Thirdly, a beam is added in the middle of the main
beam of frame to increase Y-direction stiffness of frame,
as shown in Figure 21(c).

4.3 Damping Vibration
Damping refers to the physical phenomenon in which the
vibrating system is blocked and the energy is dissipated
into other forms of energy, such as heat. When the metal
plate shell coated with a high-damping material is excited
to vibrate, the damping layer also vibrates.

The skin on the surface of the grinding vehicle body is
a thin plate, which contains little damping, and has the
high sound radiation efficiency. Therefore, the radiation
noise generated by the skin vibration is mainly consid-
ered. In this section, a free damping structure is adopted
and a layer of damping material is added to the skin sub-
strate to increase structural damping and reduce vibra-
tion and noise, as shown in Figure 22.

(b) Reinforcing ribs are installed

Figure 20 Schematic diagram of underframe optimization

(c) Added connectors

(d) Add reinforcement ribs
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(a) Rubber isolator

Figure 21 Schematic diagram of frame optimization
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Figure 22 Skin vibration and noise damping control scheme

According to Table 9, the damping material of free
damping layer is soft rubber with the loss factor 1y of
2x 107! ~ 5 and the elastic modulus E> of 0.00784
GPa. The aluminum alloy skin E; is 70 GPa and E;/E;
is 1.12 x 10~%, which meets the standard of the elastic
modulus ratio. According to the standard thickness ratio
Hi/H; of 2 to 4, the thickness of the damping material is
selected as 8 mm.

4.4 Vibration Reduction Effect Analysis
The above vibration control scheme is applied in the
finite element model of the whole vehicle and the
dynamic response of the improved rail grinding vehicle
with abrasive belt is analyzed and evaluated under non-
operating and grinding operating conditions.

According to the dynamic response results of the
improved model, the vibration acceleration value of each

Table 10 Effective values of vibration acceleration at reference points of each part after improvement

Directions Front of Middle of Main beam of Contact wheel Skin upper plate Dust
underframe underframe frame collection
system
X-direction 0.8930 3.8187 34644 10.5675 0.9422 2.3668
Y-direction 43417 3.1534 8.1188 3.1403 5.3548 24854
Z-direction 4.1509 3.7274 1.0379 12.0247 0.2868 23976
Average 3.1285 3.5665 4.2070 85775 2.1946 24166
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reference point is extracted and RMS value of vibra-
tion acceleration of each reference point is calculated
(Table 10).

Z-direction vibration acceleration of the front end of
underframe under the non-operating condition is the
largest among the three operating conditions, so the
dynamic response under the non-operating condition is
analyzed. Z-direction vibration acceleration of the front
end of underframe is calculated to be 5.08 m/s*> and
Y-direction vibration acceleration of the front end of
underframe is 0.93 m/s The calculation results meet the
limit values in GB/T 17426-1998. The results show that
the vibration control effect of vehicle meets the stability
requirements.

RMS value of vibration acceleration of the whole vehi-
cle under the operating condition is calculated to be 7.00
m/s?. Compared with the RMS value of vehicle vibration
acceleration in the original model under operating condi-
tions (15.60 m/s?), the RMS value of the improved model
is reduced by approximately 55%. The contact wheel is in
the direct contact with the rail and the vibration reduc-
tion effect is not obvious. In the vibrations of other parts,
only the Y-direction vibration of the main frame of frame
exceeds the standard value in GB/T 17426-1998. How-
ever, after optimization, the vibration acceleration is sig-
nificantly reduced from 11.90 m/s* to 8.12 m/s%. RMS
value of vibration acceleration of the upper skin plate is
2.19 m/s% After optimization, RMS value of the vehicle
skin vibration acceleration under operating conditions is
7.34 m/s?, which is approximately 30% of that of the orig-
inal model. The results show that the vibration control
scheme has an obvious vibration reduction effect.

5 Lightweight Design

In order to further explore the dynamic characteristics
of the grinding vehicle, the random vibration simulation
analysis is carried out. The lightweight design of grinding
vehicles is conducive to transferring and transportation.
The vibration control and lightweight design of the mill is
carried out by changing the frame material.

5.1 Finite Element Model

To facilitate the simulation calculation of the lightweight
design, the grinding vehicle model is further simplified
as a small model. The whole vehicle is divided into four
main parts, as shown in Table 11. Each part is simpli-
fied as a solid unit. The total weight is 1500 kg. The skin
material is selected as aluminum alloy 6061 and the other
parts are set as channel steel Q235. The underframe, skin,
and frame structure are simulated by shell elements and
the mesh size is still 10 mm. The wheelset and grind-
ing elements are simulated by solid elements and the
mesh size is 10 mm. The welding is simulated by seam
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Table 11 Weight distribution table of the grinding vehicle

Structural elements Weights (kg) Remarks
Frame 420

Underframe 210

Grinding unit 80 Each
Skin 80

Wheel 100 Per pair

elements. Bearings and bolt connections are simplified as
solid elements and each assembly surface is simulated by
the RBE2 element with the default damping parameter of
0.01.

The new finite element analysis model is established in
Hypermesh with a total of 930000 nodes and 830000 ele-
ments, as shown in Figure 23.

The skin is selected as 1 mm thick aluminum alloy and
the optimization effect is not obvious. In the optimiza-
tion of the grinding unit, the grinding quality may be
affected. The wheelset optimization involves material
replacement, process optimization, and a new design
and is cumbersome. In the frame optimization, the
weight can be reduced by 20%—30% only by changing the
material.

According to the above analysis in Section 3, the origi-
nal grinding vehicle vibrates violently. The method of
replacing the frame material with 7075 aluminum alloy
and LA43M magnesium alloy is adopted for the non-
optimized grinder vehicle to achieve vibration reduction
and lightweight design. The three selected materials are
shown in Table 12.

5.2 Random Vibration

The rail has random irregularities in all directions and
the random occurrence of track diseases also follows a
normal distribution [42]. For example, the wave grinding
wavelength is approximately 50 to 150 mm. The probabil-
ity of rail corrugation at the wavelengths of 50 and 150
mm is low and the probability at the wavelength of 100
mm is high. In the transient dynamics simulation, only
the excitations of several fixed frequencies can be input
and transient dynamics simulation has certain limitations
in the field of rail grinding. Therefore, random vibration
simulation is performed to simulate the vibration caused
by rail defects.

Track disease data simulated by software are random
data, but collected actual disease data are not necessar-
ily representative data. Based on the comprehensive con-
sideration, the power spectral density of the horizontal
irregularity of the American AARG track, which is highly
recognized internationally, is selected as the input con-
dition of the random vibration simulation in Ansys. The
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action position of the power spectral density of the hori-
zontal irregularity is on the wheelset and contact wheel.
According to the simulation conditions of the above
model and random vibration analysis results, the stress
distribution of the Q235 steel frame grinding vehicle can

Figure 23 Finite element model of rail grinding vehicle with abrasive belt

Table 12 Details of selected frame materials
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be obtained (Figure 24 and Table 13). The vibration on
the frame is mainly distributed in the connection posi-
tion between underframe and electrical rack.

According to Miner’s linear fatigue cumulative dam-
age theory, when a material is subjected to cyclic stress

\ ~ (d) Grinding Unit
~ % -

~ = T

Materials Density (g/cm?®) Elastic modulus (GPa) Poisson’s ratio Yield
strength
(MPa)
Steel Q235 7.85 210 0.30 235
Aluminum alloy 7075 2.85 71 0.33 477
Magnesium alloy LA43M 1.78 45 035 125

C: Random Vibration
Figure
Type: Equivalent Stress (Scoped to Elements) - Top/Bottom

Scale Factor Value: 3 Sigma -
Probability: 99.73 % —

Unit: MPa

Time: 0 [

2023-06-22 18:10

148.33 Max
131.85

115.37

98.888

82.407

65.925

49.444

32,963

16.481
2.5747e-14 Min

(a) Q235 stress distribution
Figure 24 Schematic diagram of vibration distribution

C: Random Vibration
Figure

Type: Equivalent Stress (Scoped to Elements) - Top/Bottom
Scale Factor Value: 3 Sigma
Probability: 99.73 %

Unit: MPa

Time: 0

2023-06-22 18:10

240.74 Max
213.99

187.24

160.5

133.75

107

80.248

53.498

26.749
3.4001e-14 Min

(b) Q235 maximum stress
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Table 13 Maximum equivalent stress results under 30 random vibration (MPa)

Materials Vehicles Frames Underframe Skin Grinding unit Wheel
Steel Q235 240.7 1483 240.7 309 1.5 13.6
Aluminum alloy 7075 166.0 84.0 166.0 21.5 0.7 53
Magnesium alloy LA43M 160.0 424 160.0 26.7 0.7 49

higher than its fatigue limit, each stress cycle causes a
certain damage to the material and this damage can be
accumulated [43]. Destruction occurs when the accumu-
lated damage exceeds a critical value. According to the
three-interval method based on the Gaussian distribution
and Miner’s linear cumulative damage law proposed by
Steinberg [44, 45], the stress distribution can be divided
into three main intervals: 10, 20, and 3o. The distribution
probabilities corresponding to 10, 20, and 30 are respec-
tively 68.3%, 27.1%, and 4.33% and the total distribution
probability of three intervals is 99.73%. The distribution
probability of the rest interval can be ignored.

According to Miner’s linear fatigue cumulative dam-
age theory, a frequency domain stress lower than the
material’s yield limit generally does not cause a damage
to the material. According to the simulation results, the
most severe vibration occurs at the connection between
the chassis and the wheelset. The stress at the position of
strip exceeds the yield limit of the material and can not
satisfy the 30 safety condition.

5.3 Vibration Control

The main load of frame is the four power supplies on
the electrical rack and the strength of aluminum alloy or
magnesium alloy can meet the requirements for static
strength. After the frame material is replaced with 7075
aluminum alloy and LA43M magnesium alloy, the ran-
dom vibration analysis of the above conditions is car-
ried out. The vibration distribution of the grinding
vehicle basically remains unchanged after changing dif-
ferent frame materials. The analysis results are listed in
Table 13. Figure 25 shows the stress distribution diagram
of the grinding vehicle after changing frame material to
aluminum or magnesium alloy.

The simulation results show that when aluminum alloy
7075 and magnesium alloy LA43M are used, the stress of
frame and other structures can be reduced and the yield
failure does not occur in various parts of the whole grind-
ing vehicle. In addition, the weight of vehicle body can be
reduced. The lightweight results are provided in Table 14.

As the elastic modulus of frame material decreases, the
stiffness of frame decreases and the response of grind-
ing vehicle to vibration becomes insensitive. Therefore,
the stress generated by the vibration also decreases,

displaying a certain vibration reduction effect. In addi-
tion, the elastic modulus of frame is reduced and the
rigidity of the whole vehicle is reduced, displaying the
similar effect to the addition of damping components.
The vibrations of all components affect each other and
the damping effect is gradually weakened. After the vibra-
tion is transmitted from wheel to underframe, frame,
and skin, the vibration of skin and frame also affects the
underframe and wheelset. Therefore, compared with
channel steel Q235, the other materials of frame can
be used as a vibration damping element to reduce the
underframe vibration caused by frame and skin. In this
way, the vibration response stress of underframe is also
reduced.

In summary, as the elastic modulus of frame decreases,
the sensitivity of frame itself to vibration decreases. With
the reduction of the elastic modulus of frame, the stift-
ness of the whole vehicle is reduced so as to decrease the
vibration response of other structures. In the selection of
the materials of support structures under vibration, the
materials with qualified static strength, lower density,
and smaller elastic modulus are recommended because
these materials can reduce the overall vibration and real-
ize the lightweight design.

6 Conclusions

In this paper, the vibration control of the rail grinding
vehicle with abrasive belt is explored based on dynamic
characteristics through structural optimization and light-
weight design. The conclusions are drawn below:

(1) The transient response of the vehicle caused by
the combined action of multiple excitations under
non-operating conditions and operating conditions
is analyzed. The RMS value of the maximum vibra-
tion acceleration of the whole vehicle is 3.20 m/s
under the non-operating condition and 15.60 m/s?
under the operating condition. The acceleration in
the partial directions of the reference points of the
grinding vehicle exceeds the limit in GB/T 17426-
1998 standard.

(2) A random vibration simulation analysis of the
grinding vehicle with three frame materials under
the excitation of the six-level track spectrum hori-
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C: Random Vibration
Figure

Type: Equivalent Stress (Scoped to Elements) - Top/Bottom
Scale Factor Value: 3 Sigma
Probability: 99.73 %

Unit: MPa

Time: 0

2023-06-22 18:14

83.988 Max
74.656

65.324

55.992

46.66

37.328

27.996

18.664

9332
6.0467e-15 Min

(a) 7075 stress distribution

C: Random Vibration

Figure

Type: Equivalent Stress (Scoped to Elements) - Top/Bottom
Scale Factor Value: 3 Sigma

Probability: 99.73 %

Unit: MPa

Time: 0

2023-06-22 18:16

166.04 Max
147.59

129.14

110.7

92.246

73.797

55.348

36.898

18.449
2.0801e-14 Min

(c) 7075 maximum stress
Figure 25 Schematic diagram of the vibration distribution

Table 14 Lightweight design results
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C: Random Vibration
Figure

Type: Equivalent Stress (Scoped to Elements) - Top/Bottom
Scale Factor Value: 3 Sigma
Probability: 99.73 %

Unit: MPa

Time: 0

2023-06-22 18:20

42.35 Max
37.645

32.939

28.234

23.528

18.822

14.117

9.4112

4.7056
4.1193e-15 Min

(b) LA43M stress distribution

C: Random Vibration

Figure

Type: Equivalent Stress (Scoped to Elements) - Top/Bottom
Scale Factor Value: 3 Sigma

Probability: 99.73 %

Unit: MPa

Time: 0

2023-06-22 18:21

159.98 Max
142.2

124.43

106.65

88.877

71.102

53.326

35.551

17.775
1.8594e-14 Min

(d) LA43M maximum stress

Materials Frame weight (kg) Frame stress (MPa) Strength (MPa) Weight loss rate (%)  Safety
Steel Q235 420 1483 235 - 20
Aluminum alloy 7075 152 84.0 455 17.9 30
Magnesium alloy LA43M 95.2 424 125 217 30

Note: Weight reduction rate = (original frame mass - frame mass)/vehicle mass

zontal irregularity in the United States is carried
out. The analysis results show that the Q235 steel
frame does not satisfy the safety conditions of 3o.
(3) By optimizing the structure of the grinding vehicle
in three ways, the average vibration acceleration
of the whole vehicle is decreased from 15.60 m/s*
to 7.00 m/s* and the percentage decrease is about
55.1%. By changing frame material, the maximum
vibration stress of the vehicle is decreased from
240.7 MPa to 160.0 MPa. The weight of the grind-
ing vehicle is decreased by from 1500 kg to 1175 kg
and the percentage decrease is about 21.7%. There-
fore, the vibration control of the grinding vehicle
can be realized by optimizing the structure accord-

ing to the modal analysis results and replacing the
materials with enough strength and lower stiffness.
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